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Abstract

This study proposes a new method, namely the “finite circular fin method” (FCFM), to analyze the performance of fin-and-tube heat
exchangers having plain fin configuration under dehumidifying conditions. The analysis is done by dividing the heat exchanger into many
tiny segments (number of tube rows x number of tube passes per row x number of fins). The tiny segments are distinguished into three
types: the fully dry, partially wet or fully wet surface conditions. The proposed method is capable of handling fully and partially wet
surfaces. From the test results, it is found that the sensible heat transfer performance and the mass transfer performance are insensitive
to changes of fin pitch. The influence of inlet relative humidity on the sensible heat transfer performance is small, and is almost negligible
when the number of tube rows is above four. For one and two row configurations, considerable increase of mass transfer performance is
encountered when partially wet condition takes place. The sensible heat transfer coefficient is about the same for those in fully wet and
partially wet conditions provided that the number of tube row is equal or greater than four. Correlations applicable for both fully wet

and partially wet conditions are proposed to describe the heat and mass performance for the present plain fin configuration.

© 2006 Elsevier Ltd. All rights reserved.
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1. Introduction

Fin-and-tube heat exchangers are widely used in appli-
cations of air-conditioning and refrigeration systems. They
can be applicable to condensers and evaporators. In evap-
orators, which typically use aluminum fins with the surface
temperature generally being below the dew point tempera-
ture. As a result, simultaneous heat and mass transfer
occurs along the fin surfaces.

Many studies have been published on the heat and mass
transfer characteristics of fin-and-tube heat exchangers
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under dehumidifying conditions. For instance, McQuiston
[1,2] presented experimental data for five plate fin-and-tube
heat exchangers, and developed a well-known heat transfer
and friction correlation for both dry and wet surfaces.
Mirth and Ramadhyani [3,4] investigated the heat and mass
transfer characteristics of wavy fin heat exchangers. Their
results showed that the Nusselt number was very sensitive
to changes of the inlet dew point temperature, and that
the Nusselt number decreased with an increase of dew point
temperatures. Similar results were reported by Fu et al. [5]
in dehumidifying heat exchangers having a louver fin con-
figuration. They reported a pronounced decrease of the
wet sensible heat transfer coefficients with the rise of the
inlet relative humidity. Contrary to this, the experimental
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Nomenclature

Ar
Af,dry
Af,wet

lain
la,m
la,out
Ist

Is f,b
Isfm
Is.r,in
Isrm

ls,r,out

surface area of fin, m>

surface area of fin of dry portion, m?

surface area of fin of wet portion, m?

total surface area, m>

inside surface area of tubes, m?>

outside surface area of tubes, m>

slope of the air saturation curved between the
outside and inside tube wall temperature,
Jkg 'K™!

slope of the air saturation curved between the
mean water temperature and the inside wall tem-
perature, J kg ' K~!

slope of the air saturation curved at the mean
water film temperature of the fin surface,
Jkg 'K™!

slope of the air saturation curved at the mean
water film temperature of the tube surface,

Jkg 'K
moist air specific heat at constant pressure,
Jkg 'K™!
water specific heat at constant pressure,

Jkg 'K™!

tube outside diameter (including collar), m

tube inside diameter, m

in-tube friction factors of water

correction factor

fin pitch, m

maximum mass velocity based on minimum flow
area, kgm 25!

sensible heat transfer coefficient, Wm 2 K ™!
mass transfer coefficient, kgm >s™!

inside heat transfer coefficient, W m 2 K~!
modified Bessel function solution of the first
kind, order 0

modified Bessel function solution of the first
kind, order 1

air enthalpy, J kg™
inlet-air enthalpy, J kg~
mean air enthalpy, J kg™

outlet-air enthalpy, J kg~!

saturated water vapor enthalpy, J kg™
saturated air enthalpy at the fin temperature,
Jkg!

saturated air enthalpy at the fin base tempera-
ture, J kg_1

mean saturated air enthalpy at the mean fin
temperature, J kg~

saturated air enthalpy at the inlet-water temper-
ature, J kg~!

mean saturated air enthalpy at the mean water
temperature, J kg~

saturated air enthalpy at the outlet-water tem-
perature, J kg™’

1

Ispim Mmean saturated air enthalpy at the mean inside
tube wall temperature, J kg™

Ispom Mmean saturated air enthalpy at the mean outside
tube wall temperature, J kg™

Is.w saturated air enthalpy at the water film tempera-
ture, J kg ™!

Iswfm mean saturated air enthalpy at the mean water
film temperature of the fin surface, J kg '

Jn Chilton—Colburn j-factor of the heat transfer

Jm Chilton—Colburn j-factor of the mass transfer

K, modified Bessel function solution of the second
kind, order 0

K modified Bessel function solution of the second
kind, order 1

ke thermal conductivity of fin, W m'K!

k; thermal conductivity of water, Wm ' K™

kp thermal conductivity of tube, Wm ™' K™

ky thermal conductivity of water film, Wm ' K™

L, tube length, m

1, air mass flow rate, kg s~!

7, water mass flow rate, kg s7!

N number of tube rows

P pressure, N m >

P longitudinal tube pitch, m

Pr, Prandtl number of air

Pr, Prandtl number of water

P, transverse tube pitch, m

o) air-side heat transfer rate, W

Qavg average heat transfer rate, W

Odrycond conductive heat transfer rate for dry portion,
w

de,conv’max convective heat transfer rate of the dry sur-
face area that assumes the temperature of dry
surface area equal to the dry/wet interface tem-
perature, W

Qpart heat transfer rate for partially wet conditions, W

Qpart_rcond_,i conductive heat transfer rate for partially wet
conditions evaluated at r;, W

Qr water-side heat transfer rate, W
Owetcond conductive heat transfer rate for wet portion,
w

Qwet,conv’max convective heat transfer rate of wet surface
area that assumes the temperature of wet surface
area equal to the fin base temperature, W

Ql\,,et_convmax convective heat transfer rate of all surface
area that assumes the temperature of all surface
area equal to the fin base temperature, W

R ratio of heat transfer characteristic to mass

transfer characteristic

relative humidity

Reynolds number of water based on inside dia-

meter

RH
R€D|
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Rep,  Reynolds number of air based on outside dia-
meter (including collar)

r distance from the center of the tube to the fin, m

7 distance from the center of the tube to the fin
base, m

o distance from the center of the tube to the fin tip,
m

¥ distance from the center of the tube to the inter-
face, m

Sc, Schmidt number of air

Sp fin spacing, m

T, temperature of air, K

Tom  mean temperature of air, K

Tap dry-bulb temperature, K

Tap dew point temperature, K

Ty temperature of fin, K

Ttm mean temperature of fin, K

Ttp temperature of the fin base, K

Tt temperature of the fin tip, K

T,;m mean temperature of the inner tube wall, K
Tpom mean temperature of the outer tube wall, K
T temperature of water, K

inlet-water temperature, K
m mean temperature of water, K
outlet-water temperature, K

Twrm mean temperature of water film at fin surface, K

t fin thickness, m

U,p, overall heat transfer coefficient based on ent-
halpy difference, kgm 25!

V. velocity of water, ms ™'

W, humidity ratio of moist air, kg kg™

W,m mean air humidity ratio, kg kg™!

W p.o.m mean saturated air humidity ratio at the mean

outside tube wall temperature, kg kg™'

saturated air humidity ratio at the water film

temperature, kg kg~

Wswem mean saturated air humidity ratio at the mean
water film temperature of the fin surface, kg kg '

Vw thickness of condensate water film, m

Hrary  fully dry fin efficiency

Hepare partially wet fin efficiency

n’f’pm effectively partially wet fin efficiency
Newer  fully wet fin efficiency

e dynamic viscosity of water, N s m >
Or mass density of water, kg m >

Odry air temperature difference, K

Odry~  air temperature difference at 1, K
0ot air enthalpy difference, J kg*1

Owet,,  air enthalpy difference at r;, J kg*]

data of Seshimo et al. [6] indicated that the Nusselt number
was relatively independent of the inlet conditions. Wang
et al. [7] studied the effects of the fin pitch, the number of
tube rows, and the inlet relative humidity on the heat trans-
fer performance under dehumidification, they concluded
that the sensible heat transfer performance is relatively
independent of the inlet humidity. The differences in the
existing literature are attributed to the different reduction
methodologies. Lage [8] presented the numerical model
for simulating the heat transfer process of air flowing in
between two parallel fins of a finned-tube heat exchanger.
The numerical simulation detected the existence of tube-
to-tube heat transfer and the corresponding detrimental
impact it might have on the overall capacity of the heat
transfer. It was found that the tube-to-tube heat transfer
affected the overall capacity and was shown to account
for approximately 20% of the heat exchanger capacity. Shih
[9]applied the computational fluid dynamics (CFD) for pre-
dicting the heat transfer performance on the air side of a
domestic refrigerator evaporator. The numerical results
showed that the non-uniformities and flow maldistributions
could deteriorate the overall heat transfer performance of
evaporator. Tutar and Akkoca [10] studied three-dimen-
sional time-dependent modeling of unsteady laminar flow
and heat transfer over single and multi row plate fin-and-
tube heat exchangers. It was found that the numerical
results for the integral heat transfer parameters agreed well
with available experimental measurements. Pirompugd
et al. [11,12] presented a new reduction method for the cal-

culation of the heat and mass transfer characteristics for fin-
and-tube heat exchangers under dehumidifying conditions.
Their results showed that the heat and mass transfer charac-
teristics were relatively independent of fin pitch and of rel-
ative humidity.

In practice, the fin surfaces may be fully wet, fully dry
or partially wet depending on the difference between dew
point temperature and surface temperature. Notice that if
the outer tube surface (including collar) temperature is
higher than the dew point temperature of moist air, there
is only sensible heat transfer and is termed as fully dry con-
dition. However, if the fin tip temperature is lower than the
dew point temperature of moist air, sensible and latent heat
transfer occur at the same time for all fin surfaces. This con-
dition is regarded as the fully wet condition. Occasionally,
part of the fin tip temperature is higher than the dew point
temperature whereas the rest of fin surface temp-
erature is lower than the dew point temperature in such con-
dition the partially wet surface is seen. There are a number
of papers addressing the heat transfer performance of the
heat exchangers under partially wet surface conditions.
Recently, Xia and Jacobi [13] formulated the logarithmic-
mean temperature difference (LMTD) and logarithmic-
mean enthalpy difference (LMED) methods for fully dry,
fully wet, partially wet and frosted surface conditions.

It can be noted that almost all of the theoretical and
experimental investigations found in literature were paid
attention on the heat transfer characteristics, research on
the mass transfer characteristics under partially wet surface
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condition is still limited. As a consequence, the objective of
this study to provide a detailed method for analyzing the
heat and mass transfer performances of fin-and-tube heat
exchangers under partially wet surfaces conditions. A
new method, namely the ‘“finite circular fin method”
(FCFM), is proposed to analyze the performance of the
heat exchangers having plain fin configuration under de-
humidifying conditions.

2. Experimental apparatus

The schematic diagram of the experimental air circuit
assembly is shown in Fig. 1. It consists of a closed-loop
wind tunnel in which air is circulated by a variable speed
centrifugal fan (7.46 kW, 10 HP). The air duct is made of
galvanized sheet steel and has an 850 mm x 550 mm
cross-section. The dry-bulb and wet-bulb temperatures of
the inlet-air are controlled by an air-ventilator that can
provide a cooling capacity of up to 21.12 kW (6RT). The
air flow rate measurement station is an outlet chamber
set up with multiple nozzles. This setup is based on the
ASHRAE 41.2 standard [14]. A differential pressure trans-
ducer is used to measure the pressure difference across the
nozzles. The air temperatures at the inlet and exit zones
across the sample heat exchangers are measured by two
psychrometric boxes based on the ASHRAE 41.1 standard
[15].

The working medium for the tube side is cold water. A
thermostatically controlled reservoir provides cold water at
selected temperatures. The temperature differences on the
water side are measured by two precalibrated RTDs. The
water volumetric flow rate is measured by a magnetic flow
meter with a 40.001 L/s precision. All the temperature
measuring probes are resistance temperature devices
(Pt100), with a calibrated accuracy of £0.05°C. In the
experiments, only the data that satisfy the ASHRAE 33-
78 [16] requirements (namely, the energy balance condition,
|Qr — Qa| / Qavg, is less than 0.05, where Q,, O, and deg are
the air-side heat transfer rate, water-side heat transfer rate

Thermostat

Mixer
R N
AirFlow —=>
Psychrometric !,,//}/;
ﬂ Box = Manometer Motor
Mixer Nozzle Mixer otor
] AN \ /
Air Conditioner <= AirDuct ?[T 3 Y

é ! Blower
Manometer

Fig. 1. Schematic diagram of experimental apparatus.

Table 1
Geometric dimensions of the plain fin-and-tube heat exchangers

No. F,(m) t (m) D, (m) P (m) P (m) N
1 0.00119  0.000115 0.00851  0.0254  0.0191 1
2 0.00175  0.000120 0.01034  0.0254  0.0220 1
3 0.00204  0.000115  0.00851  0.0254 0.0191 1
4 0.00223  0.000115  0.01023  0.0254 0.0191 1
5 0.00250 0. 000120  0.01034  0.0254  0.0220 1
6 0.00120 0. 000115  0.00693  0.0177 0.0136 1
7 0.00121  0.000115  0.00693  0.0177 0.0136 1
8 0.00198  0.000115  0.00693  0.0177  0.0136 1
9 0.00199  0.000115 0.00693 0.0177 0.0136 1
10 0.00123  0.000115  0.00851  0.0254 0.0191 2
11 0.00170 0. 000120  0.00862  0.0254  0.0191 2
12 0.00206  0.000115  0.00851  0.0254 0.0191 2
13 0.00224  0.000130  0.01023  0.0254  0.0220 2
14 0.00320 0. 000130  0.01023  0.0254  0.0220 2
15 0.00122  0.000115 0.00753  0.0210 0.0127 2
16 0.00122  0.000115  0.00753  0.0210 0.0127 2
17 0.00123  0.000115 0.01023  0.0254 0.0191 2
18 0.00178  0.000115  0.00753  0.0210 0.0127 2
19 0.00179  0.000115 0.00753  0.0210 0.0127 2
20 0.00182  0.000130  0.01023  0.0254 0.0220 2
21 0.00313  0.000120  0.00862  0.0254 0.0191 2
22 0.00123  0.000115  0.01023  0.0254 0.0191 4
23 0.00155  0.000115 0.01023  0.0254 0.0191 4
24 0.00203  0.000130  0.01023  0.0254 0.0220 4
25 0.00223  0.000130 0.01023  0.0254 0.0220 4
26 0.00300  0.000130 0.01023  0.0254 0.0220 4
27 0.00121  0.000115 0.00851  0.0254 0.0191 4
28 0.00122  0.000115  0.00753  0.0210 0.0127 4
29 0.00160  0.000115  0.00851  0.0254 0.0191 4
30 0.00170 0. 000120  0.00862  0.0254  0.0191 4
31 0.00178  0.000115 0.00753  0.0210 0.0127 4
32 0.00231  0.000115 0.01023  0.0254 0.0191 4
33 0.00313  0.000120  0.00862  0.0254 0.0191 4
34 0.00185  0.000130 0.01023  0.0254 0.0220 6
35 0.00221 0. 000130  0.01023  0.0254 0.0220 6
36 0.00316 0. 000130  0.01023  0.0254 0.0220 6

and average heat transfer rate between air-side and water-
side, respectively) are considered in the final analysis.
Detailed geometry used for the present plain fin-and-tube
heat exchangers is tabulated in Table 1. The test fin-and-
tube heat exchangers are tension wrapped having a “L”
type fin collar. The test conditions of the inlet-air are as
follow:

27+£0.5°C
50% and 90%

Dry-bulb temperature of the air
Inlet relative humidity for the
incoming air

Inlet-air velocity From 0.3 to
4.5m/s
Inlet-water temperature 7+0.5°C
Water velocity inside the tube : 1.5-1.7 m/s
Tube-side Reynolds number : 6900-20,400

The test conditions approximate those encountered with
typical fan-coils and evaporators of air-conditioning appli-
cations. Uncertainties reported in the present investigation,
following the single-sample analysis proposed by Moffat
[17], are tabulated in Table 2.
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Table 2
Summary of estimated uncertainties

Primary measurements  Derived quantities

Parameter Uncertainty Parameter Uncertainty Uncertainty

(OA») RCDC =400 RCDC = 5000
(%) (%)

Ty 0.3-1 Rep, +1.0 +0.57

ity 0.5 Rep; +0.73 +0.73

AP 0.5 O: +3.95 +1.22

T, 0.05 K Oa +5.5 +2.4

Ta 0.1 K Jhy/m +11.4 +5.9

3. Data reduction
3.1. Heat transfer coefficient (h.,)

The totaln heat tra}nsfer rate used in the calculation is the
average of 0, and Q,, namely,

Qa = ma(ia,in - ia#out) (1)
Qr == erp,r(Trtout - Tr(in) (2)
g = 210 .

In this study, a new reduction method, namely the
“finite circular fin method (FCFM)” is proposed for
detailed evaluation of the performance of fin-and-tube heat
exchanger instead of conventional lump approach. The
proposed method is capable of handling test results for
both fully wet and partially wet conditions. Analysis of
the fin-and-tube heat exchanger is firstly carried out by
dividing the heat exchanger into many tiny segments (num-
ber of tube rows x number of tube passes per row X num-
ber of fins) as shown in Fig. 2(a). For calculation of the fin
efficiency, the equivalent circular area method as shown in
Fig. 2(b) is adopted. The tiny segments can be distin-
guished into three types. The first one is the fully dry con-
dition, as shown in Fig. 2(c.1), in which the outside tube
(including collar) temperature is higher than the dew point
temperature of the moist air. As a result, only sensible heat
transfer occurs on the whole area of this tiny segment. The
second case is the fully wet condition, as shown in
Fig. 2(c.2), in which the fin tip temperature is lower than
the dew point temperature of moist air. Both sensible and
latent heat transfer takes place along the area of each tiny
segment. The last one is the partially wet condition, as
shown in Fig. 2(c.3), in which the outside tube (including
collar) temperature is lower than the dew point tempera-
ture of the moist air but the fin tip temperature is higher.
Therefore the region of r; < r < ris fully wet condition
whereas it is fully dry in r* < r < ro. In this study, we had
proposed a reduction method that can resolve these three
cases. Detailed reduction method for the fully dry and fully
wet conditions can be found from previous studies
[18,11,12] and will not be repeated here. Only the reduction
method applicable for partially wet condition will be
addressed hereafter.

a o7 T TN number of fin
’ \
/ \
1 \
— SN
1
\ 1
\ R SN
\ ’
N .
N
number of

tube pass per row

N) ) )

Tp<Tap

Typ>Tap T;>Tyy

Tj, < po

(c.1) Fully dry condition (c.2) Fully wet condition (c.3) Partially wet condition

Fig. 2. Finite circular fin method. (a) Schematic of the fin-and-tube heat
exchanger used for data reduction. (b) Equivalent circular area method.
(c) Circular fin in fully dry, fully wet and partially wet conditions.

3.2. Reduction method for partially wet condition

The overall heat transfer coefficient, U, ,, is based on the

enthalpy potential and is given as follows:

Opart = U pAoAinF )

where Ai,, is the mean enthalpy difference for a counter
flow coil,

Aim = ia‘m - is,r,m (5)

According to Bump [19] and Myers [20], for the counter
flow configuration, the mean enthalpy is

Lajin — laout

lam = lajn + N <
lain — Isr,out
In ({ ——
la,out — Isrin

(la,in - laAout)(la.in - ls,r,out) (6)

(ia,in - is,Lout) - (iaout — is,r,in)
. i
Isrm = Isrout T l%rout—s,rm
1Cm—mm>
n(——
la«,OUt — Isrin
(is,r,out - iS,r«,in)(ia«,in — is,rﬁout) (7)

(ia,in - is,rout) - (ianut - is,r,in)




W. Pirompugd et al. | International Journal of Heat and Mass Transfer 50 (2007) 552-565 557

For the FCFM, F is the correction factor accounting
for a single-pass, cross-flow heat exchanger for one fluid
mixed, the other fluid being unmixed, as described by
Threlkeld [21]. The overall heat transfer coefficient is
related to the individual heat transfer resistance as follows:

L, Bdein (%) .\ 1 5
R A N
T\ bypdo by Ao

where

1
how =———— 9
A ©)
B cheo

yw in Eq. (9) is the thickness of the water film. A constant
of 0.005 in. was proposed by Myers [20]. The water-side
heat transfer coefficient, /4, is evaluated with the Gnielinski
correlation [22],

(f:/2)(Rep, — 1000)Pr, ke

= L 10
1.07 + 12.7/f,/2(P?* — 1) Di (10)
and the friction factor, f; is
1
Sr= (11)

(1.581n Rep, — 3.28)°

The Reynolds number used in Egs. (10) and (11) is
determined from Rep, = p,V.Di/u,. It is based on the inside
diameter of the tube. Eqs. (10) and (11) can be satisfyingly
applied with the flow when Rep, > 2300.

In Eq. (8) there are four quantities (], b}, b, , and b, )
involving enthalpy-temperature ratios that must be evalu-
ated. The quantities of 5, and b, can be calculated as

b/ _ is,pi.m - is,r,m (12)
' Tp,i,m - Tr,m
i — g

b/ _ ‘spom s,p,i,m 13

Tp,o,m - Tp«,i,m ( )

the values of b,  and b, are the slopes of saturated air
enthalpy curves evaluated at the mean water film tempera-
ture at the base surface and the fin surface, respectively.
Without loss of generality, b;V,p can be approximated by
the slope of the saturated air enthalpy curve evaluated at
the base surface temperature [7]. Evaluation of b’w,f
requires a trial and error procedure. For the trial and error
procedure, i rm must be calculated using the following

equation:

. . CPvah(’yWr’;“,part
Isw.fm ~ lam — W
w,ftc,0
/ D,
b bp In (HC)
X I—UO AO L : .am_‘srm
P hrAp‘i + 2nkap (l 5 l 5Ty )

Hence, the corresponding fin efficiency is calculated by
the equivalent circular area method as depicted in
Fig. 2(b). Kern and Kraus [23] proposed the differential
equation and its solution for the fully dry condition. For
a partially wet circular fin, as shown in Fig. 2(c.3), neglect-
ing the heat transfer through the fin tip, the differential
equation for the dry fin portion (" < r < r,) in terms of
temperature excess Ogry = Ty m — Ty is

d?o do,

2 dry dry

d dr? tr dr
The associated solution is as follows:

0 -9 K](Mmi’o)lo(MmV) +[1(MmVO)K0(MmI’)
WA K (Moo ) o (M) + 11 (Mo ) Ko (M ™)

— M2 04y =0 (15)

(16)

where
My = [—= (17)

and 0Ogry .~ is the temperature excess evaluated at r

For the equation and solution applicable to the wet fin
portion (r; < r < r’), the enthalpy excess (Oyer = fa.m — Isf)
is used as the primary variable:

” d;(ige‘ +r dg:“ — M3 0y = 0 (18)
where

M= [ (19)
Subject to the boundary conditions,

6W3t|r:ri = GWEt«,ri (20)
Ovetcond|,_,. = Qary.cond],_,. (21

where 0, i the enthalpy excess evaluated at r;.

The second boundary condition, in which the conduc-
tion heat transfer rate continues at the wet/dry boundary
of r', yielding:

dgwet _yy dedry
dr . wi dr

(22)

r=r r=r*

The solution of the differential equation of Eq. (18) is
olo(Mr) + BKo(Mr)

Oger = 23
C Ml (M )Ko(Mari) + MyLo(Mri) Ky (Mor+) )
where
% = Ower, MTK 1 (M17") + yKo(M1r7) (24)
B = Ower Ml (M1r") — ylo(Mrri) (25)
V= b:NWfHdry,r*Mm

Kl(Mmro)Il(Mmr*)_Il(Mmro)Kl(Mmr*) (26)

Kl(Mmro)[O(Mmr*) +[1(Mmro)K0(Mmr*)
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Eq. (26) can be applied to the fully wet condition by assign-
ing r, to r. The partially wet fin efficiency can be written as

Q art,cond,r;
nf,part = et - (27)

Qwemonv.max + ery,convﬁmax

where meycond,,.i is the heat transfer rate evaluated at r;,
Qwet‘conv?max is the convective heat transfer rate of wet sur-
face area that assumes the temperature of wet surface equal
to fin base temperature whereas ery.convtmax is the convec-
tive heat transfer rate of the dry portion that assumes the
temperature of dry surface equal to the dry/wet interface
temperature that is in fact equal to the dew point tempera-
ture. However, the partially wet fin efficiency obtained
from Eq. (27) is not applicable for the Threlkeld’s method.
Because the heat transfer rate from Threlkeld’s method is
based on the enthalpy difference and can not directly ap-
plied to Eq. (27). In that respect, we had defined the effec-
tively partially wet fin efficiency based on the enthalpy
difference, and is given as

/ _ Qpart‘cond‘ri _ Qwet,conv,max + ery,conv‘max 28
”f,part  y - v f,part ( )
wet,conv,max wet,conv,max

- / . .
where O conv.max 18 the convective heat transfer rate that

assumes the temperature of all surface area equal to the
fin base temperature. Then, the partially wet fin efficiency is
2}"1
]MT(V*2 - riZ)Hwet,r; + MTCp,aHdry,r* (r(z) - 7*2)
{ BK\(M~r;) — ol (Mr)
MTII (MTV*)Ko(MTI’i) + MTlo(MTri)Kl (MTI"*)
(29)

r]f,part =

and the effectively partially wet fin efficiency is given as

Odrype 72 — 152
= © 2 nfﬁpart (30)

pa 5
gwet,ri e

2 2

e —r

/ 1
]/I . = + C

f,part }"(2) _ rz

Eq. (30) can be applied to the fully wet condition by assign-
ing r, to r". An algorithm for calculation of the partially
wet condition is given as follows:

1. Calculate the tube-side heat transfer coefficient of 4,
using Eq. (10).
2. Assume an outlet-air enthalpy of the calculated
segment.
. Calculate i, ,, by Eq. (6) and i, by Eq. (7).
4. Assume values of Tpim and T o m.

/ DC
5. Caleutate 0 g <Di>
. Calculate an 2nkap .

(98]

rpi

. Assume Ty, f .
. Assume 7.
. Calculate Oy at r by Eq. (23).
. Calculate i from 0, at r
. Calculate T from iy at r
. If Ty obtained in step 10 is not equal to the dew point

temperature of the moist air, the calculation steps

— O O 00 3O\

—_—

8-10 will be repeated with a new r" until T} is equal
to the dew point temperature.

12. Calculate the ngpare and g, using Egs. (29) and
(30), respectively.

13. Calculate U, , from Eq. (8).

14. Calculate i\ rm by Eq. (14).

15. Calculate Ty ¢ from iy rm.

16. If T\ rm obtained in step 15 is not equal to that
assumed in step 6, the calculation steps 7-15 will be
repeated with T\, ¢, obtained in step 15 until Ty, 1
is constant.

17. Calculate me from Eq. (4) of this segment.

18. Calculate T}, m and T} o m from the inside convection
heat transfer rate and the conduction heat transfer
rate.

19. If Ty im and T}, obtained in step 18 are not equal
to those assumed in step 4, the calculation steps 5-18
will be repeated with T,;,, and T,,n obtained in
step 18 until 7}, ;, and T}, , n, are constant.

20. Calculate the outlet-air enthalpy and the outlet-water
temperature from QWel obtained in step 17.

21. If the outlet-air enthalpy obtained in step 20 is not
equal to that assumed in step 2, the calculation steps
3-20 will be repeated with the outlet-air enthalpy
obtained in step 20 until the outlet-air enthalpy is
constant.

In this study, detailed evaluation algorithm of the heat
transfer coefficient /., with the present FCFM relative to
conventional lump approach is given as follows:

1. Calculate the moist air-side heat transfer rate and the
water-side heat transfer rate by Eqgs. (1) and (2),
respectively.

2. Calculate the total heat transfer rate from Eq. (3).

. Assume /i, for all segments.

4. Calculate the heat transfer performance for each seg-
ment with the following procedures.

(a) Calculate the dew point temperature.

(b) Assign Ty, to Tpim and T o .

(c) Calculate the fin tip temperature for the fully wet con-
dition (using Eq. (23) by assigning r, to r*).

(d) If T, om is higher than the dew point tempera-
ture, the algorithm of the fully dry condition is
done.

(e) If the fin tip temperature is lower than the dew point
temperature, the algorithm of the fully wet condition
is adopted (see [11,12]).

(f) If Ty 0,m is lower than the dew point temperature but
the fin tip temperature is higher than the dew point
temperature, the algorithm of the partially wet con-
dition is used.

(g) If Tpim and Ty m obtained in steps 4(d)—4(f) are
not equal to those assumed in step 4(b), the calcula-
tion steps 4(c)-4(f) will be repeated with T, ;, and
T,.0,m obtained in steps 4(d)—4(f) until 7,;,, and
T}, 0m are constants.

98]
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5. If the summation of the heat transfer rate for all ele-
ments is not equal to the total heat transfer rate
obtained in step 2, A, will be assumed with a new value
and the calculation step 4 will be repeated until the
summation of the heat transfer rate for all elements is
equal to the total heat transfer rate.

3.3. Mass transfer coefficient (hy,)

The cooling and dehumidifying of moist air by a cold
surface involves simultaneously heat and mass transfer,
and can be described by the process line equation from
Threlkeld [21]:

dia —R (ia - is,w)
dWa o (Wa - WSAW)

+ (iy — 2501R) (31)
where R represents the ratio of heat transfer characteristic
to mass transfer characteristic.

R— hc,o
hd‘o Cp‘a

(32)

However, Eq. (31) did not correctly describe the de-
humidification process on the psychrometric chart for the
present fin-and-tube heat exchanger. This is because the
saturated air enthalpy (isy) at the mean temperature at
the fin surface is different from that at the fin base. In
this regard, a modification of the process line on the psy-
chrometric chart corresponding to the fin-and-tube heat
exchanger is made. In this study, we had proposed a
method to resolve the partially wet condition. Detailed
reduction method for the fully wet conditions can be found
from previous studies [11,12] and will not be repeated here.
From the energy balance of dehumidification one can
arrive at the following expression:

Cpa Cpa
+ hc,odAf,dry(Ta,m - Tf,m) (33>

Note that the first term on the right hand side denotes the
heat transfer from the outside tube, the second term repre-
sents the heat transfer from wet part of the fin and the third
term is the sensible heat transfer from dry part of fin. Con-
servation of mass of the water condensate leads to:

’ha dWa == hd,o dAp,o(Wa,m - Ws,p,o,m)
+ hd,o dAf,wet(Wa,m - Ws,w,f,m) (34)

madia = dAp,o(ia,m - is,p,oAm) + dAf«,wel(iatm - is,wf,m)

Dividing Eq. (33) by Eq. (34) yields

%

where

(36)

By assuming a value of R, Eq. (35) can be easily inte-
grated via the following iterative algorithm. The mass
transfer coefficient can be obtained accordingly. Proce-
dures for obtaining the mass transfer coefficients for the
partially wet condition are given in the following:

1. Obtain Wspom and Wsypm from ispom and iswm
from the calculations of heat transfer.

2. Assume a value of R.

3. Calculations are performed from the first element to the
last element, employing the following procedures:

(a) Assume a humidity ratio at the exit of heat
exchanger.

(b) Calculate the outlet humidity ratio of each element
by Eq. (35).

(c) If the calculated outlet humidity ratio obtained from
step 3(b) is not equal to the assumed value from step
3(a), repeat the calculation step 3(b).

4. If the summation of the outlet-air humidity ratio for
each element of the last row is not equal to the measured
outlet-air humidity ratio, assume a new R value and
repeat the calculation step 3 until the summation of
the outlet humidity ratio of the last row is equal to the
measured outlet humidity ratio.

In this study, the FCFM for detailed evaluation of the
performance of fin-and-tube heat exchanger is proposed
instead of the conventional lump approach. An algorithm
for solving the mass coefficient /4, is given as follows:

1. If Ty o m is higher than the dew point temperature. The
outlet humidity ratio is equal to the inlet humidity ratio.

2. If the fin tip temperature is lower than the dew point
temperature, the algorithm of the fully wet condition
is employed.

3. If Tj o m is lower than the dew point temperature but the
fin tip temperature is higher than the dew point tempera-
ture, the algorithm of the partially wet condition is done.

3.4. Chilton—Colburn j-factor for heat and mass transfer
(jh andjm)

The heat and mass transfer characteristics of the heat
exchanger is presented by the following non-dimensional

group:

r2_r*2
,,02 —r2> (e=1)- Co(Tam — Trm)

i

daw,

*2 2
r-—n

7
( am — WSvP-,O-,m) + <rg —

*2 —1"2
di R- (ia,m - i&,p,om) +R . (r — 2l> : (8 - 1) : (ia,m - isﬁw,f«,m) +R : (
W

) o= (P = Wesn)



560 W. Pirompugd et al. | International Journal of Heat and Mass Transfer 50 (2007) 552-565

hc,o

P Pr2/3 37
In Ga,max Cp,a ¢ ( )

_ Jao g (38)

a,max

]m

4. Results and discussion

Fig. 3(a) shows the fin efficiency for circular fin under
fully dry, fully wet and partially wet conditions. The fully
dry fin efficiency is obtained from Schmidt [24] and Kern
and Kraus [23]. Note that the result from Schmidt [24] is
an approximation to Kern and Kraus’s result. For dry
fin efficiency, the Schmidt approximation gives consider-
ably good agreement with that of Kern and Kraus [23].
The calculations are in line with those reported by Hong
and Webb [25] who also compares the fin efficiency calcu-
lated by Schmidt and Kern and Kraus. They found the
deviation is less than 2% when M,,(r, — r;) < 1.5. The fully
wet fin efficiency is obtained from McQuiston [26], Threl-
keld [21], and Wang et al. [7]. The fin efficiency obtained
from McQuiston [26] is based on the temperature difference

a 1o
AN Wy (RE=4450)
\\k Present study
0.8 AN
> AN
=) AN
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= 061 ,= AN
= r= 5 mm N
° r =10 mm A
g : AN
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& 044 1,=30°C AN
3 T =15°C Sa T~
2 po e, ~—
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024 _ it S
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b 1o
~~~~~~~~~~ Mgy Kern and Kraus [23]
0.9 === et Wang et al. [7]
2 —— 7;pqn Present study
5
‘5 0.8 1
=
©
= 0.7
St
E, r;=5mm e
g 067 r=10mm  TTTTTTITIo—
= t=0.1 mm
©] 2o
T,=30°C
0.5 1 T,=15 °c
M, (r,-r)=0.6642
0.4 T T T T
0 20 40 60 80 100

Relative humidiy (%)

Fig. 3. Comparison of the fin efficiency with different authors of this
study. (a) Circular fin efficiency plotted against My, (r, — r;). (b) Circular
fin efficiency vs. relative humidity at M, (r, — r;) = 0.6642.

but the fin efficiency obtained from Threlkeld [21] and
Wang et al. [7] are based on the enthalpy difference. There
are some ambiguities on determination of the wet fin effi-
ciency. Webb and Kim [27] believed the McQuiston’s
approach is incorrect. Detailed discussions about this dif-
ference can be found from Lin et al. [28]. The partially
wet fin efficiency is obtained from Eq. (27) is also shown
in the figure. The presented partially wet fin efficiency is
higher than the fully wet fin efficiency but is lower than
the fully dry fin efficiency. The influence of the relative
humidity on the partially wet fin efficiency is shown in
Fig. 3(b). The fully dry fin efficiency is independent of rel-
ative humidity and the fully wet fin efficiency decreases very
slightly with the rise of humidity. The results are analogous
to Wu and Bong’s results [29]. Calculations of the fully wet
fin efficiency are based on the following equations [7]:

o 21”i
nf,wel - MT(I% 7 rlz)
Ky\(M~1ri)Ii(Mrro) — Ky (Mrro)l (Mrr) (39)
Ky\(Mrro)lo(Mrri) + Ko(Mrri)Ii (Mrr,)
ia‘m - is, ,m
Mot = 2 (40)

lam — isﬁf,b

For a given dry-bulb temperature, the enthalpy increases
slightly with the rise of relative humidity. Hence, it is
expected that the enthalpy-based fin efficiency will decrease
slightly. However, when M,,,(r, — r;) is low, the fully wet fin
efficiency is almost constant. The partially wet fin efficiency
decreases with the increase of the relative humidity from
the fully dry fin efficiency to the fully wet fin efficiency.
Rosario and Rahman [30] presented the partially wet fin
efficiency for circular fin as

r*z r*Z
nf,part = <_2> nf,dry + (1 - _2) Nt wet (41)
s rs

However, the partially wet fin efficiency obtained from
Eq. (41) cannot be used directly with the enthalpy-based
reduction method such as that of Threlkeld’s method. This
is because that calculation of the partially wet fin efficiency
involves fully dry and fully wet portions. The former
involves only sensible heat transfer obtained from temper-
ature difference whereas the latter includes both sensible
and latent heat transfer termed as enthalpy difference. Thus
it can not be applied based on the enthalpy difference
alone. Likewise, for partially wet condition, it may be also
not applicable for the equivalent dry-bulb temperature
method [31] due to the heat transfer rate of this method
is only calculated from the equivalent dry-bulb tempera-
ture difference. The last method for obtaining the heat
transfer rate is dividing the heat transfer into two parts
(one part for fully dry condition and the other part for fully
wet condition). However, the partially wet fin efficiency will
not be appeared in the calculation. This is because the fully
dry fin efficiency is in the dry part and the fully wet fin
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Fig. 4. Comparison of j, and j,, between the proposed method and another reduction method. (a) j,, FCFM vs. lumped Threlkeld’s method. (b) jp,,
FCFM vs. lumped Threlkeld’s method. (c) j,, FCEM vs. Tube-by-Tube method. (d) j,, FCFM vs. Tube-by-Tube method.

efficiency is in the wet part. In that regard, we propose a
new equation for obtaining the partially wet fin efficiency
for the application based on the enthalpy difference.

The heat and mass transfer performances of the plain
fin-and-tube heat exchangers are given in terms of the
dimensionless parameters j;, and j,, respectively. Test
results are first compared with the original Threlkeld
method. The comparisons are shown in Fig. 4(a) and (b).
For the heat transfer performance, one can see in
Fig. 4(a) that the original lumped approach is in fair agree-
ment with the present discretized approach (86% of j,
within —30% to 0%). However, the j;, obtained by FCFM
is slightly lower than those obtained by the Threlkeld
method. There are two reasons for this result. The first
one is because the j;, obtained by FCFM is based on dis-
cretized approach. In addition, the original Threlkeld
method is applicable for fully wet surface only. For those
data that are in partially wet conditions, an underestima-
tion of the wet fin efficiency by the lumped Threlkeld
method gives rise to a higher heat transfer coefficient,
thereby yielding a higher j;, value accordingly. For the

reduced results of the mass transfer performance shown
in Fig. 4(b), one can see a much larger departure of the ori-
ginal Threlkeld method relative to the present FCFM (75%
of j, within —30% to 30%). This is attributed to the origi-
nal Threlkeld method being more suitable for counter
flow arrangements. By comparison with the Tube-by-Tube
method presented by the present authors [11] as shown in
Fig. 4(c) and (d), the heat and mass transfer coefficients
obtained by FCFM for the fully wet conditions is equal
to those obtained by the Tube-by-Tube method. However,
for the partially wet conditions, the heat and mass transfer
coefficients obtained by FCFM is different from those
obtained from the Tube-by-Tube method. This is because
the proposed FCFM method can take into account par-
tially wet condition whereas the Tube-by-Tube method is
more appropriate for fully wet condition.

A typical plot for examination of the influence of the
inlet relative humidity and the fin pitch on the heat and
mass transfer performances are shown in Fig. 5. As seen
in Fig. 5(a) and (b), the heat transfer performance is rela-
tively insensitive to the inlet relative humidity and fin pitch
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for both N =1 or N = 2. For the influence of fin pitch on
the heat transfer performance having N =1 or N = 2, the
results are different from those in fully dry conditions as
reported from Wang and Chi [18]. Based on the numerical
simulation by Torikoshi et al. [32], they found that the vor-
tex forms behind the tube can be suppressed and the entire
flow region can be kept steady and laminar when the fin
pitch is small enough. A further increase of fin pitch would
result in a noticeable increase of cross-stream width of vor-
tex region behind the tube. As a result, lower heat transfer
performance is seen for larger fin pitch for 1-row configura-
tion, indicating a detectable influence of fin pitch. However,

it can be seen that the effect of fin pitch on the heat transfer
performance is comparatively small for the wet fin surface.
Apparently it is attributed to the presence of condensate
that provides a good air flow mixing even at a larger fin
pitch. In fact, the difference in heat transfer performance
becomes even more negligible when the number of tube
row is increased. With the increase of the number of tube
rows, the condensate blow-off phenomenon from preceding
row is blocked by the subsequent row. In that regard, the
influence of relative humidity on the mass transfer perfor-
mance becomes less profound and is deferred to an even
higher Reynolds number (Rep. > 2000). Analogous results
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(the influence of relative humidity and fin spacing on the
heat and mass transfer performance) are obtained when
the number of tube rows is further increased to 4 or 6
(Fig. 5(c) and (d)). The results agree with those reported
by Wang et al. [7]. They reported negligible influence of
fin pitch and inlet conditions on the heat transfer perfor-
mance of a plain fin geometry when N =4. The decrease
of geometrical influences on the heat and mass transfer with
the rising number of tubes can be made clear from a pre-
vious flow visualization study using scale-up fin-and-tube
heat exchangers [33]. Their flow visualization experiment
shows the injected dye in front of the first tube row hits
the round tube and twists and swirls to the subsequent
row. A clear horseshoe vortex is shown in front of the tube.
The strength of the vertical motion is apparently stronger
near the first row when compared to the second and third
row. The strength of the swirled motion decays markedly
with increasing rows. As a consequence, the associated
influences of geometries become less profound. In addition,
for N > 4, the sensible heat transfer coeflicient is about the
same as those of fully wet condition even the fin surface is
partially wet.

As seen in Fig. 5(e) and (f), the influence of inlet relative
humidity on the mass transfer characteristics is rather small
when the fin spacing is sufficiently large (>2.0 mm). How-
ever, at a smaller fin spacing (samples #1, #2, #10, and
#11) one can observe a slight decrease of j,, when the inlet
relative humidity is increased from 50% to 90%. The slight
decrease of mass transfer performance with inlet relative
humidity at the dense fin spacing may be associated with
the condensate retention phenomenon. Yoshii et al. [34]
conducted a flow pattern observation about the air flow
across tube bank, their results indicating that the blockage
of the tube rows by the condensate retention may hinder the
performance of the heat exchangers. Thus, one can see
a slight drop of mass transfer performance. However, a
considerable increase of mass transfer performance when
RH = 0.5 and Rep. > 1000 is encountered. This is attrib-
uted to the blow-off condensate by flow inertia which makes
more zoom for water vapor to condense along the surface.

It is obvious from the shown test results that no single
curve can be expected to describe the complex behaviors
for both ji, and j,,, factors. As a result, by using a multiple
linear regression technique in a practical range of experi-
mental data (300 < Rep. < 5500), the appropriate correla-
tion forms of jy, j,, and R for the present data are
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Detailed comparison of the proposed correlation against
the experimental data is shown in Fig. 6. It is found that
Eqgs. (42) and (48) can describe 93.45% of j, for fully wet
conditions within £10% and Egs. (45) and (51) can
describe 91.51% of j, for partially wet conditions within
+10%. Egs. (43) and (49) can describe 93.45% of j,, for
fully wet conditions within +15% and Egs. (46) and (52)
can describe 87.26% of j, for partially wet conditions
within +15%. Egs. (44) and (50) can describe 98.26% of
R for fully wet conditions within £15% and Eqgs. (47)
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Fig. 6. Comparison between the proposed correlations against experi-
mental data. (a) j,, (b) jm and (c) R.

and (53) can describe 88.89% of R for partially wet condi-
tions within +15%.

5. Conclusions

This study experimentally examines the heat and mass
transfer characteristics of 36 fin-and-tube heat exchangers
having plain fin geometry. On the basis of previous discus-
sions, the following conclusions are made:

1. A FCFM is proposed in this study for reducing the test
results. It is found that the reduced results for the sensi-
ble heat transfer performance by the present method are
insensitive to changes of inlet humidity. Effect of fin
pitch on the mass transfer performance is rather small
when fin pitch is sufficiently large (>2.0 mm). However,
at a small fin pitch, j, slightly decreases when the rela-
tive humidity is increased.

2. Unlike those tested in fully dry conditions, the sensible
heat transfer performance under dehumidification is
comparatively independent of the fin pitch. This is
because the presence of condensate plays a role in alter-
ing the air flow pattern within the heat exchanger, result-
ing in better mixing characteristics. For N > 4, the
sensible heat transfer coefficient is about the same even
the fin surface is partially wet.

3. For 1 and 2 rows configurations, the effect of relative
humidity on the mass transfer performance becomes
more pronounced when partially wet condition takes
place.

4. A correlation is proposed for the present plain fin con-
figuration. This correlation can describe 93.45% of jj,
for fully wet conditions within +10% and 91.51% of j,
for partially wet conditions within +10% and can corre-
late 93.45% of j,, for fully wet conditions within +£15%
and 87.26% of j,, for partially wet conditions within
+15%.
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